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Abstract

Mixed convection heat transfer from arrays of discrete heat sources inside a horizontal channel has been investigated experimentally.
Each of the lower and upper surfaces of the channel was equipped with 8 · 4 flush mounted heat sources subjected to uniform heat flux.
Sidewalls, lower and upper walls are insulated and adiabatic. The experimental parametric study was made for aspect ratios of AR = 2, 4
and 10, at various Reynolds and Grashof numbers. From the experimental measurements, row-average surface temperature and Nusselt
number distributions of the discrete heat sources were obtained and effects of Reynolds and Grashof numbers on these numbers were
investigated. From these results, the buoyancy affected secondary flow and the onset of instability have been discussed. Results show
that top and bottom heater surface temperatures increase with increasing Grashof number. The top heater average-surface temperatures
for AR = 2 are greater than those of bottom ones. For high values of Grashof numbers where natural convection is the dominant heat
transfer regime (Gr*/Re2� 1), temperatures of top heaters can have much greater values. The variation of the row-average Nusselt num-
bers for the aspect ratio of AR = 4, show that with the increase in the buoyancy affected secondary flow and the onset of instability,
values of Nusselt number level off and even rise as a result of heat transfer enhancement especially for low Reynolds numbers.
� 2006 Elsevier Ltd. All rights reserved.
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1. Introduction

Mixed convection cooling is applied in a wide range of
engineering applications like heat exchangers, electronic
equipment and similar industrial applications. Especially,
heat transfer from continuously heated surfaces, in relation
to cooling of electronic equipment, has become a subject of
interest in the last decade, because of advances in inte-
grated circuit technology. Microminiaturization of elec-
tronic components for digital computers has resulted in
increased circuit densities with large power dissipation
rates per unit area of the components. The researchers of
electronic cooling therefore have had increased interest in
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the analysis of fluid flow and heat transfer in discrete heat-
ing situations.

The common methods used for the cooling of electronic
equipment include free and forced convection using air or
liquid as the coolant. Air cooling has been the most popu-
lar method due to the simplicity it affords in cooling design.

The study of one discrete heat source between horizon-
tal parallel planes under mixed convection conditions by
Kennedy and Zebib [1] is among earlier investigations on
electronic cooling. In this study four different local heat
source configurations were studied numerically and exper-
imentally. Another of these earlier studies was conducted
by Incropera et al. [2] who had investigated heat transfer
from a single and an array of flush mounted heat sources
for water and FC-77 in a rectangular channel. Incropera
presented an extensive review and discussion of work done
on the convective heat transfer in electronic equipment
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Nomenclature

Ac channel cross-sectional area, m2

As heat source surface area, m2

AR dimensionless aspect ratio, W/H
cp specific heat, kJ/kg K
Dh channel hydraulic diameter, 4Ac/P, m
F dimensionless radiation view factor
g gravitational acceleration, m/s2

Gr�Dh
dimensionless modified Grashof number,
Gr�Dh

¼ ðgb�qcD4
hÞ=ðkairm2

airÞ
H channel height, m
k thermal conductivity, W/mK
Nuj dimensionless row-average Nusselt number,

Nuj ¼ ðQcj
DhÞ=ðAsjðT sj � T bÞkairÞ

P perimeter, m
Pr Prandtl number, Pr ¼ cpair

lair=kair

�qc average convection heat flux, W/m2

Qc convection heat transfer rate, W
Qcond conduction heat transfer rate, W
Qrad radiation heat transfer rate, W
Qtot total power dissipation, W
R electrical resistance, X
Ra�Dh

modified Rayleigh number, Ra�Dh
¼ Gr�Dh

Pr
ReDh

Reynolds number, ReDh
¼ ðU inDhÞ=mair

Ri Richardson number, Ri ¼ Gr�Dh
=Re2

Dh

T temperature, �C
T b bulk mean temperature, �C
T j row-average temperature, �C
Uin mean longitudinal velocity, m/s
V voltage, V
W channel width, m

Greek symbols

b thermal expansion coefficient, 1/K
e heater surface emissivity
l dynamic viscosity, kg/ms
m kinematic viscosity, m2/s
r Stefan–Boltzmann constant, W/m2 K4

Subscripts

air air
b bulk fluid quantity
bottom bottom
i heater column index (i = 1,2,3,4)
j heater row index (j = 1,2,3, . . . , 8)
o inlet
s heat source surface
top top
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cooling, summarizing various convection cooling options.
A review of the channel flow problem applied to electronic
cooling was also presented by Peterson and Ortega [3]. A
great number of analytical, numerical and experimental
works has been carried out on similar problems since these
earlier investigations. A large variety of fluids were used in
these studies. Heindel et al. [4] presented numerical predic-
tions and experimental data for natural convection from
discrete heat sources flush mounted on one vertical wall
of a vertical cavity for water and FC-77. Choi and Cho
[5] examined the effect of the aspect ratio of rectangular
channels with discrete heat sources on the cooling perfor-
mance of paraffin slurry. Most of the studies in the litera-
ture however, are regarding vertical channels. Natural,
forced and mixed convection heat transfer from protruding
and flush-mounted discrete heat sources inside vertical
channels have been investigated by McEntire and Webb
[6], Grimella and Eibeck [7], Turkoglu and Yucel [8], Fuji
et al. [9], Tso et al. [10] and Tsay [11] for air and water.
An inclined channel was used by Yucel et al. [12] in their
numerical study of mixed convection from isothermally
heated discrete heat sources. Choi and Ortega [13] studied
numerically the mixed convection in an inclined channel
with discrete heat sources subjected to uniform heat flux.

The following investigations are regarding horizontal
channel configurations. Heat transfer from a horizontal
printed circuit board under fully developed laminar mixed
convection flow conditions was investigated by Leung et al.
[14] and Leung and Kang [15] experimentally and numeri-
cally. The circuit board was represented by a plate with
rectangular ribs mounted orthogonal to the mean air-flow.
Experiments and numerical computations were performed
by Mahaney et al. [16] on heat transfer from flush mounted
discrete heat sources in a horizontal rectangular channel
for water. Heat transfer regimes characterized by pure nat-
ural convection, mixed convection, laminar forced convec-
tion, and the initiations of transition to turbulence were
investigated.

As can be observed from the above presentation most
studies are for vertical channels with protruding heat
sources with water as the heat transfer fluid. Only few inves-
tigations can be found in the literature regarding the heat
transfer from discrete heat sources inside horizontal chan-
nels for air. Hacohen et al. [17] made one of these studies.
Their investigation comprised an experimental and theoret-
ical study for both forced and free convection with both
flush-mounted and protruding heat sources. Effects of chan-
nel geometry, component array height, air-flow rate and
heat flux were studied. From measurements and calcula-
tions they argue that the heat transfer coefficient for each
individual element falls between two limiting theoretical
values. An experimental conjugate heat transfer investiga-
tion on discrete heat sources flush-mounted on a conductive
substrate in a horizontal channel for air was performed by
Hwang [18]. However, this study was for forced convection
conditions. Effects of free-stream turbulence, free-stream
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velocity and substrate conductivity were investigated. They
showed that substrates of higher conductivity can spread
more source heat by board conduction and smooth off local
heat transfer coefficient distributions. In addition, they
argue that free-stream turbulence can enhance the heat
transfer. Finally, for the first time, correlations of source-
averaged Nusselt numbers for various free-stream turbu-
lence intensities are presented in terms of the Reynolds
number and the substrate-to-fluid conductivity ratio.
Mahaney et al. [19] numerically studied three-dimensional
mixed convection heat transfer from an array of discrete
heat sources in a horizontal rectangular duct. Numerical
results showed that the variation of the row-average Nusselt
number with Reynolds number exhibits a minimum, sug-
gesting that heat transfer may be enhanced due to buoy-
ancy-induced secondary flow by reducing the flow rate
and hence the pumping requirements.

From the above literature review, one can see that only
little information can be found in literature for mixed con-
vection heat transfer from flush mounted discrete heat
sources in horizontal channels when the working fluid is
air and in almost all these studies, heat sources were placed
at only one wall of the channel considered. The present
research will try to fill this gap to some extent. This study
is a continuation of studies performed by the second and last
author on mixed convection heat transfer in channel flows
as presented by Ozsunar et al. [20,21]. Some initial results
from the present study can be found in Dogan et al. [22].

2. Experimental set-up and data reduction

Information on the experimental apparatus, devices
used and procedures followed are given in detail by Dogan
[23]. A summary of that information is presented below.
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2.1. Experimental set-up

Fig. 1. shows a schematic representation of the experi-
mental set-up. The nozzle section, test section and the
whole channel are fixed on a metal framework for rigidity
purposes. A blower is used to draw air through the whole
channel assembly. The flow rate is measured with a hot-
wire-anemometer (Testovent 4200) with an accuracy of
±1.5%. A control valve was used to control the flow rate.
The test section is isolated from the blower acoustically
and mechanically with a damping chamber and flexible
hosing. At the channel entrance a nozzle with flow straight-
eners has been used in order to suppress turbulence and
achieve steady, laminar flow conditions with a uniform
velocity distribution. The flow straightener was made of
5-mm diameter and 50-mm long plastic hoses. In addition,
a filter is used to filter the incoming air. The nozzle is made
of 0.5-mm thick aluminum sheet with a contraction ratio of
20:1, and has been designed to eliminate flow separation,
minimize turbulence, and provide a uniform velocity pro-
file at the channel entrance.

The test section is a rectangular duct heated both at the
top and the bottom with a cross-section of 200-mm in
width. The height of the cross-section was adjusted during
the experiments, so that it provides an aspect ratio which
can be selected among AR = 2, 4 and 10. The total length
of the duct is 1500-mm, comprising 850-mm entry and 150-
mm exit regions with a 500-mm test section in between. The
850-mm unheated entrance region before the test section
was used to achieve hydrodynamic boundary layer thick-
nesses which were greater than or close to the half of the
channel height at the inlet of the test section. The top, sides
and bottom entry and exit regions of the duct are con-
structed of 5-mm thick plexi-glass. The sides of the channel
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were insulated with 50-mm Styrofoam. The top and the
bottom walls of the test section are made of 5-mm thick
pure teflon (PTFE) (k = 0.25 W/mK) in which the heat
sources are embedded. This heated section was insulated
with 20-mm Glasswool (Izopan) and 50-mm Styrofoam.
Distributions of discrete heat sources in the test section
were the same for both the top and bottom walls and their
layout is also shown in Fig. 1 with all the necessary dimen-
sions. Eight rows were used in the flow direction consisting
of four heat sources in each row of top and bottom walls
giving a total of 64 heat sources. Heater dimensions were
25 · 25 mm. The heater sections of the teflon substrate
were cut using an industrial laser.

The construction of the discrete heat sources is schemat-
ically shown as an inset in Fig. 1. As can be seen from this
figure, copper blocks (k = 386 W/mK, e = 0.3) used were
tightly fit to the top and the bottom teflon substrate. The
area of resistance wire heating element was the same as that
of copper block. The heating elements were electrically
insulated and the resulting assembly was screwed to the
copper blocks using a heat sink compound providing the
least possible contact resistance. The heater blocks were
equipped with 24-gauge copper–constantan thermocouples
one for each and at the centre of the block. Electric current
was provided to the heaters via a variac and a parallel con-
nection board. Power dissipation was determined by mea-
suring the voltage drop and resistance across the heater
blocks and by making use of the total surface area values
of the heaters. A Goldstar multimeter with accuracy of
±0.5% for voltage and ±0.2% for resistance was utilized
for this purpose.

Eighty four thermocouples were used in total. Sixty four
of these were located on the discrete heat sources. Temper-
atures were also measured at the inlet, outlet, ambient, at
several locations on the top and side walls of the insulation
applied. The thermocouples on the heated section were
inserted through holes drilled in the insulation, and were
pushed into drilled cavities placed inside the copper blocks
and soldered for rigidity. All thermocouples were sepa-
rately calibrated. Signals from the thermocouples were col-
lected, processed, stored and analyzed with a data
acquisition system. This system consisted of two AXIOM
AX5232 parallel-connected data acquisition cards located
inside a PC computer. The whole process was controlled
with a computer program developed specially for this
experimental study.

It was observed that experimental conditions reach a
steady-state condition after approximately 3–5 h. After
conditions had been steady for some time and differences
in temperatures between two intervals became negligible
(DT < 0.1 �C), all temperatures were collected, averaged
and stored.

2.2. Processing of the experimental data

The amount of heat dissipation from each of the discrete
heat sources in one row was very close to each other for all
the experiments. Under this condition, experimental data
were reduced in terms of a row-average Nusselt number
for each of the bottom and the top heater row j as given
below.

Nuj bottom ¼
Qcj bottom

Dh

AsjðT sj bottom
� T bÞkair

ð1Þ

Nuj top ¼
Qcj top

Dh

AsjðT sj top � T bÞkair

ð2Þ

In these equations Qcj
and Asj are total values for each

row j of the top and bottom heaters. The hydraulic dia-
meter Dh was used as the characteristic length as given below.

Dh ¼
4Ac

P
ð3Þ

Here Ac is the cross-sectional area and P is the perimeter
of the channel. The bulk-mean temperature Tb was calcu-
lated from an energy balance applied to a control volume
comprising one row of both top and bottom heaters
together with non-heated sections. All thermo-physical
properties were evaluated at this bulk-mean temperature.
T s is the row-average heater temperature calculated from
the thermocouple measurements. As is the total heater area
in one row. Qc is the corrected heat dissipation rate, which
represents the heat transferred to the fluid directly by con-
vection through the heater face. In the calculation of Qc

substrate conduction losses were taken into account as
explained by Mahaney et al. [16]. Qc was calculated from
an energy balance and expressed for bottom and top heater
row as given below.

Qcj bottom
¼ Qtotj bottom � Qradj bottom � Qcondj bottom ð4Þ

and

Qcj top
¼ Qtotj top � Qradj top � Qcondj top ð5Þ

In these calculations, first the total heat addition from
resistance heaters was determined for each of bottom and
top heater rows from

Qtotj
¼ 4

V 2

R
ð6Þ

where V is the voltage drop across the heater and R is the
resistance of the heater. From this value Qc was calculated
by subtracting losses due to conduction and radiation. For
bottom and top heaters, radiative heat transfer was also
taken into account using the following equation:

Qrad bottomði;jÞ ¼ reAsF ðT 4
s bottomði;jÞ � T 4

bÞ ð7Þ

and

Qrad topði;jÞ ¼ reAsF ðT 4
s topði;jÞ � T 4

bÞ ð8Þ

where the view factor F between the heat source and its sur-
roundings was taken to be unity (see e.g. [6,14,15,24,25])
and the surface emissivity was measured to be 0.3. Here,
a single heat source was assumed to be surrounded by large
surfaces at the bulk temperature of the fluid.
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Here T b was calculated from:

T b ¼
T bj þ T bjþ1

2
ð9Þ

where the arithmetic average of the bulk-mean fluid tem-
perature for two adjacent rows is calculated.

Other dimensionless numbers affecting the heat transfer
are

The Reynolds number:

ReDh
¼ U inDh

mair

ð10Þ

The modified Grashof number:

Gr�Dh
¼ gb�qcD4

h

kairm2
air

ð11Þ

The modified Rayleigh number:

Ra�Dh
¼ Gr�Dh

Pr ð12Þ

The Richardson number:

Ri ¼
Gr�Dh

Re2
Dh

ð13Þ

where �qc is the average convection heat flux for all the
heaters.

In order to determine the reliability of the experimental
results, an uncertainty analysis was conducted on all mea-
sured quantities as well as the quantities calculated from
the measurement results. Uncertainties were estimated
according to the standard procedures reported in the liter-
ature, see e.g. [26–30]. Overall, the uncertainty in the Nus-
selt number is around ±6% and for the Grashof number it
is around ±4%, which is primarily due to uncertainties in
the convective heat flux values. Uncertainty in the Rey-
nolds number is around ±3%.

3. Results and discussion

Mixed convection heat transfer in a top and bottom
heated horizontal channel with arrays of discrete heat
Table 1
Parametric conditions of the cases studied

AR ReDh
Gr�Dh

AR ReDh

2 380 4.9 · 108 4 825
2 380 1.1 · 109 4 825
2 380 1.9 · 109 4 825
2 792 4.9 · 108 4 1185
2 792 1.1 · 109 4 1185
2 792 1.9 · 109 4 1185
2 1459 4.9 · 108 4 1459
2 1459 1.1 · 109 4 1700
2 1459 1.9 · 109 4 1700
2 2446 4.9 · 108 4 1700
2 2446 1.1 · 109 4 2025
2 2446 1.9 · 109 4 2025

4 2052
sources has been investigated experimentally for aspect
ratios of 2, 4 and 10. Experiments were conducted under
various flow conditions. The values of parameters corre-
sponding to these conditions are listed in Table 1.

The results of the present study are presented using the
modified Grashof number Gr* based on heat flux and
the channel geometry (see Eq. 11). As a consequence of
the above mentioned experimental conditions, the Richard-
son number was obtained between 0.51 and 367. For large
Richardson numbers, the flow was assumed to be natural
convection dominated.

In Fig. 2, typical row-average surface temperature distri-
butions of top and bottom heaters are presented in the
main flow direction for AR = 2, Re = 1459 and different
Grashof numbers. The row-average surface temperatures
of both top and bottom heaters increase with Grashof
number. As can be seen from this figure, values of row-
average surface temperatures of top heaters are greater
than those of bottom heaters when natural convection
effects become dominant at high values of Grashof num-
bers such as Gr* = 1.9 · 109. This can be attributed to the
fact that top heaters are not affected much from the buoy-
ancy-driven secondary flow. They are mainly affected by
the forced convection due to the velocity in the main flow
Gr�Dh
AR ReDh

Gr�Dh

6.2 · 107 10 937 2.8 · 106

1.4 · 108 10 937 6.4 · 106

2.5 · 108 10 937 1.1 · 107

6.2 · 107 10 1421 2.8 · 106

1.2 · 108 10 1421 6.4 · 106

2.5 · 108 10 1421 1.1 · 107

1.4 · 108 10 1459 6.4 · 106

6.2 · 107 10 1872 2.8 · 106

1.2 · 108 10 1872 6.4 · 106

2.5 · 108 10 1872 1.1 · 107

6.2 · 107 10 2337 2.8 · 106

1.2 · 108 10 2337 6.4 · 106

2.5 · 108 10 2337 1.1 · 107
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direction. Thus, the fluid motion near the top heaters is
established at lower rates which cause the surface tempera-
tures of top heaters to become higher than those of bottom
heaters. As Grashof number decreases, however, effects of
forced convection increase causing the surface tempera-
tures of top and bottom heaters at the same row to
approach each other as seen in Fig. 2 for the lowest value
of Grashof number (Gr* = 4.9 · 108).

Fig. 3 presents row-average Nusselt number distribu-
tions of bottom and top heaters in the main flow direction
with respect to row number for AR = 2, Re = 1459 and
different Grashof numbers. For bottom heaters, Nusselt
numbers decrease with the row number until the fourth
row of heaters at values of Grashof numbers, Gr* =
1.9 · 109 and Gr* = 1.1 · 109. After the fourth row how-
ever, there is an increase in Nusselt number due to the
effects of natural convection which becomes important
by the onset of secondary flow after this row of heaters.
With the decrease in Grashof number, natural convection
effects become important at later rows of heaters and there-
fore, Nusselt numbers start increasing after sixth row for
Gr* = 4.9 · 108. As can be seen from the same figure, for
top heaters, there is no substantial change in Nusselt num-
ber until the fifth row for Gr* = 1.9 · 109 and 1.1 · 109. The
increase in the row-average Nusselt number can be noticed
for the sixth to eighth rows of top heaters. This increase
can be explained by considering the buoyancy-induced sec-
ondary flow which is more effective at the last rows of top
heaters. The magnitudes of velocities associated with the
secondary flow are greater for these rows, thus, an increase
in Nusselt number occur in the direction of main flow
after the onset of natural convection. In the entrance region
of the channel the Nusselt number variations show a
forced convection entrance region characteristic for Gr* =
4.9 · 108 as also seen for all Grashof numbers of bottom
heaters.

Fig. 4 presents row-average Nusselt number variations
for AR = 2, Gr* = 1.1 · 109 and Reynolds numbers, Re =
380, 792, 1459 and 2446. The place where the Nusselt
number starts increasing shifts towards the first rows of
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heaters with decrease in the Reynolds number for both bot-
tom and top heaters. This is due to the fact that natural
convection becomes more important at low values of Rey-
nolds number.

The row-average surface temperature distributions in
the main flow direction for the eight rows of bottom and
top heaters are shown in Fig. 5 for AR = 4, Re = 825
and different Grashof numbers. As can be seen from
Fig. 5 heater temperatures first increase in the main flow
direction with the row number and then this increase stops
at about the fourth row. After the sixth row, the tempera-
tures start decreasing. For the top plate, however, the
increase in temperature with the row number can continue
until the seventh row. These graphics show clearly how the
Grashof number affects the surface temperatures. Overall,
increasing the Grashof number results in an increase of
the heater temperatures. A comparison of surface temper-
atures of top heaters with those of bottom heaters shows
that row-average surface temperatures at the top surface
are bigger for a given Grashof number, especially for the
highest Grashof number (Gr* = 2.5 · 108). This is due to
the low velocity regions occurring near the top heaters.

Fig. 6 presents row-average Nusselt number distribu-
tions for AR = 4, Re = 825 and different Grashof numbers.
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As can be seen from this figure, in the entrance region of
the channel, the Nusselt number variations show a forced
convection entrance region characteristic. After the onset
of instability, however, at approximately the fourth row
for the bottom plate, the buoyancy driven secondary flow
inhibits the continuous drop in the local Nusselt number.
This is a result of the buoyancy forces that become strong
enough to destabilize the boundary layer. This effect is
due to the decrease in the density of the fluid, which
accelerates development of the secondary flow. Conse-
quently, an increase in the Nusselt number is observed.
The region after the start of the secondary flow conditions
can be described as the mixed convection dominated
region. Effects of changes in the Grashof number on the
row-average Nusselt number are also shown in Fig. 6. It
can be seen that Nusselt numbers increase with Grashof
number for bottom heaters. For top heaters, however, they
decrease with the Grashof number for the fully developed
forced convection dominated region until the fifth row of
heaters in the main flow direction. After the fifth row, the
heat transfer is enhanced due to the buoyancy forces and
the flow includes cross-stream velocities which cause the
rising of hot fluid from the bottom heat sources toward
the top ones, and therefore the variation of Nusselt num-
bers with the Grashof number shows a peculiar behavior
after this row.

Row-average Nusselt number distributions are shown in
Fig. 7 for different Reynolds numbers. These distributions
are for the Grashof number of Gr* = 1.4 · 108 and AR = 4.
The first three rows for both bottom and top heaters show
clear differences at different Reynolds numbers, where large
Reynolds numbers produce larger Nusselt numbers at the
beginning of the heated section. These differences diminish
at row numbers 4 and 5 for the bottom heaters and 6 and 7
for the top ones. In this region, the reduction in the Nusselt
number due to forced convection effects is balanced by an
increase due to the buoyancy-driven secondary flow. Start-
ing with row number 6 for the bottom heaters, differences
in Nusselt numbers for different Reynolds numbers become
visible again. However, this time the results in terms of the
Nusselt values are reversed. Similar behavior of the Nusselt
numbers is shown after the seventh row for top heaters. In
the entrance region of the channel, the Nusselt number
variations show a forced convection thermal entry region
characteristic. However, after the onset of instability at
the fifth or sixth rows the buoyancy driven secondary flow
inhibits the continuous drop in the local Nusselt number
for both bottom and top heaters. After the sixth row a clear
increase in the heat transfer is observed due to the above
explained effects. With the decrease in Reynolds number,
the place where the development of the secondary flow
occurs moves towards the first row of heaters (Re = 825).
At the largest Reynolds number (Re = 2052), the heaters
are under the effect of forced convection dominated flow.
Therefore Nusselt number decreases with the row number
except for the last two rows, where the effects of buoyancy
induced secondary flow become important.

The row-average surface temperature distributions of
the heaters in the main flow direction for the eight rows
of bottom and top heaters are shown in Fig. 8 for
AR = 10, Re = 937 and for different Grashof numbers.
Heater surface temperatures continuously increase in the
main flow direction with the row number. These graphics
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also show clearly how the Grashof number affects the hea-
ter surface temperatures. The larger the Grashof number,
the higher the surface temperatures as for the cases of
AR = 2 and AR = 4 presented in Figs. 2 and 5, respec-
tively. As can be seen from Fig. 8, however, surface temper-
atures increase almost linearly with the row number, which
present a different behavior compared to the previous
cases. For the case of Fig. 8, both the bottom and the
top heaters are affected mainly by forced convection flow
and the boundary layer associated with bottom and top
do completely influence each other. Under these condi-
tions, effects of buoyancy driven flow are much smaller
and almost vanish.

Fig. 9 presents row-average Nusselt number distribu-
tions for bottom and top heaters for AR = 10, Re = 937
and different Grashof numbers. Variations shown in this
figure are different from the distributions of Figs. 3 and 6
which present variations in Nusselt number for AR = 2
at Re = 1459 and AR = 4 at Re = 825, respectively. Forced
convective flow is more dominant for both the bottom and
the top heaters at all Grashof numbers in this case. There-
fore, Nusselt number can continuously decrease with the
row number in the flow direction.

Effect of the Reynolds number on the row-average
Nusselt numbers are shown in Fig. 10 for AR = 10 and
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Fig. 9. Effect of Grashof number on row-average Nusselt numbers for
AR = 10 and Re = 937.
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Fig. 10. Effect of Reynolds number on row-average Nusselt numbers for
AR = 10 and Gr* = 6.4 · 106.
Gr* = 6.4 · 106. Variations shown in this figure show typi-
cal forced convective flow characteristics for all Reynolds
numbers. These variations with Reynolds number are sim-
ilar to the distributions of Fig. 9 which show the effects of
Grashof number. But they are quite different from the dis-
tributions of Figs. 4 and 7 which involve the effects of
buoyancy driven secondary flow. This is due to the low val-
ues of Richardson number (Ri = 0.51–12.52) associated for
the case of AR = 10 that causes smaller effects of free con-
vection heat transfer. In order to see this more clearly
Fig. 11 was drawn which shows effects of aspect ratio on
Nusselt number distributions. As can be seen from this
figure, the experiments were performed at additional
Reynolds numbers for better comparison. The free convec-
tion effects change according to the row number and
aspect ratio. The buoyancy driven secondary flow has posi-
tive effects on the Nusselt number for AR = 2 at Gr* =
1.1 · 109 and AR = 4 at Gr* = 1.4 · 108. For AR = 10 at
Gr* = 6.4 · 106, however, forced-convection dominated
flow occurs, and therefore no differences between distribu-
tions of Nusselt number for bottom and top heaters occur
as can be seen from Fig. 11. The highest values of Nu num-
bers are obtained for the case of AR = 2 for which the
cross-sectional area is Ac = 0.02 m2. As Ac is decreased to
0.01 m2 and 0.004 m2 for the cases of AR = 4 and
AR = 10, respectively, row-average Nu numbers decrease
accordingly. This is due to the fact that the decrease in area
means smaller values of hydraulic diameter Dh, which
results in higher main flow velocities at the constant value
of Reynolds number (Re = 1459). The modified Grashof
number Gr�Dh

, however, decreases with Dh. Thus, the
increase in AR causes an increase in the main flow velocity
at lower Grashof numbers that decreases the positive
effects of the buoyancy driven secondary flow on the Nu

number.
The influence of buoyancy effects on the row average

Nusselt number are also shown in Fig. 12 at different Ray-
leigh numbers. Figs. 12(a)–(d) present variation of Nusselt
number with Reynolds number for bottom and top heaters
at j = 1, 3, 5 and 7 rows, respectively. As can be seen from
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Fig. 11. Effect of aspect ratio on row-average Nusselt numbers for
Re = 1459.
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Fig. 12. Effects of Rayleigh and Reynolds numbers on row-average Nusselt number of bottom and top heaters with respect to row number: (a) first row,
(b) third row, (c) fifth row, (d) seventh row.
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these figures, row-average Nusselt numbers take greater
values at high Rayleigh numbers. The variation of Nusselt
number with Rayleigh number, here, also shows the effect
of aspect ratio, AR, since Ra = 7.81 · 108, 9.94 · 107 and
4.54 · 106 correspond to AR = 2, 4 and 10, respectively.
At high Rayleigh numbers or at low values of aspect ratios,
the effects of buoyancy-driven secondary flow on Nusselt
number becomes more important. This agrees with the
results of the discussion in Fig. 11. The variation of row-
average Nusselt number with the row number shows that
Nusselt number increases with Reynolds number at row
1, but it becomes independent of Reynolds number below
a certain limit for other rows, suggesting that heat transfer
is dominated by natural convection under these conditions.
The significant heat transfer enhancement associated with
the secondary flow causes the Nusselt number at row 7
to exceed those at rows 3 and 5 for Reynolds numbers
below about 800. Nusselt numbers for top heaters take
smaller values than those of bottom heaters at the same
row and Reynolds number. This is due to the reasons dis-
cussed previously. As also seen from Fig. 12, transition to
turbulence may occur at a certain value of Reynolds num-
ber where a sudden increase in the Nusselt number is
noticed (for Re > 2000).

4. Conclusions

The problem of mixed convection heat transfer in a hor-
izontal channel with heated top and bottom discrete heat
sources has been studied experimentally. Experimental
results for 2 · (8 · 4) flush mounted heat sources subjected
to uniform heat flux, on both the top and bottom walls of
the channel have been presented for different aspect ratios
and ranges of Grashof and Reynolds number.
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For small values of aspect ratios such as AR = 2, the
effects of free convection become more important. Espe-
cially, at high values of Grashof numbers, the effects of
buoyancy-driven secondary flow increase with the row
number for both bottom and top heaters. The fluid
motion near the top heaters, however, is established at
lower rates and therefore these heaters have higher tem-
peratures compared to the bottom ones. The variations
of row average Nusselt number with Reynolds and Gras-
hof numbers exhibit a relative minimum for the aspect
ratio of AR = 4, suggesting that, due to buoyancy
induced flow, heat transfer may be enhanced by reducing
the flow rate at high heat dissipation rates. This is not the
case, however, for high aspect ratios such as AR = 10.
For this aspect ratio, a relative minimum value of row-
average Nusselt number could not be seen for the ranges
of Reynolds number and Grashof numbers considered in
this study.

Changes in Gr* and Re numbers affect significantly the
buoyancy-driven secondary flow, the onset of instability,
and the resulting heat transfer enhancement above the
forced convection limit for the aspect ratio AR = 4. As
the Reynolds number is decreased and/or the Grashof
number increased, heat transfer enhancement is obtained
due to development of buoyancy induced secondary flow.
Thermal instabilities were either delayed or disappeared
completely for large Reynolds numbers. Nusselt number
variations for the first rows show a forced convection ther-
mal entry region characteristic. However, after the onset of
instability the buoyancy driven secondary flow changes the
local Nusselt number variation. This is a result of the buoy-
ancy forces that become strong enough to destabilize the
boundary layer, and development of a secondary flow is
started. As a consequence, an increase in the Nusselt num-
ber is observed. The region after the start of the secondary
flow conditions can be described as the mixed convection
dominated region.

For the conditions of this study, top heaters are more
affected by the forced convection flow. Although some
important effects of the secondary flow can be seen for
small Reynolds numbers and low aspect ratios, these effects
vanish for high values of aspect ratios.

These results suggest several guidelines for the thermal
design of electronic packages. A device placed on the top
wall will realize temperatures much higher than that of
the lower wall. When dealing with high power densities
in horizontal channel flow, the greater power dissipaters
should be placed along the lower wall. In addition to this,
electronic components with the greatest power dissipation
should be placed on the first and last two rows at the bot-
tom. While, low power dissipation components should
always be placed around the middle section. This, however,
is only valid for environments correctly arranged so that
mixed convection heat transfer conditions are obtained
for the electronic packaging. Moreover, the fact that the
heat transfer enhancement is largest for low Reynolds
numbers, suggests that heat transfer may be enhanced
due to buoyancy-induced flow by reducing the flow rate
and hence the ventilation power requirements.
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